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Abstract 9 

As essential track components for rail connections and signal transmission and control, 10 

insulated rail joints (IRJs) have been widely used in traditional and high-speed railways. 11 

However, the IRJ is considered as one of the weakest parts of railway track structures due to 12 

the significant discontinuities in stiffness and geometry. When a train runs over an IRJ, a 13 

wheel-rail impact occurs and it increases with train speed. The impact consequently leads to 14 

vibration and noise and accelerates track deterioration in the vicinity of the IRJ. This paper 15 

establishes an explicit finite element wheel-IRJ dynamic interaction model to simulate high-16 

frequency impact vibration and noise generated at a typical IRJ in the Dutch railway network, 17 

and validates the model against a comprehensive hammer test and a pass-by measurement. 18 

Good agreements between the simulation and measurements indicate that the proposed model 19 

can effectively reproduce high-frequency impact vibration and noise up to 10 kHz. This paper 20 

also connects the dominant frequencies of wheel-IRJ impact vibration and noise with the 21 

dynamic behaviour of the target IRJ, which may contribute to the mitigation of impact 22 

vibration and noise at IRJs as well as to train-borne detection of deterioration types of IRJs.  23 

24 
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 27 

1 Introduction 28 

As essential track components for rail connections and signal transmission and control, 29 

insulated rail joints (IRJs) have been widely used in both traditional and high-speed railways. 30 

The performance of IRJs directly influences railway transportation safety. However, due to 31 

the significant stiffness and geometric discontinuities, the IRJ is considered as one of the 32 

weakest parts of railway track structures. When a train runs over an IRJ, wheel-rail impact 33 

occurs. This impact consequently leads to vibration and noise and accelerates track 34 

deterioration in the vicinity of the IRJ.  35 

 36 

Numerous modelling work has been carried out to simulate wheel-rail impacts generated by 37 

IRJs. Because impact problems are inherently non-linear, the simulation models are required 38 

to be solved in the time domain. Computationally efficient analytical models have been 39 

applied to calculate wheel-rail interactions when material complexity and detailed contact 40 

solutions are of less concern [1-4]. Considering a reduction of bending stiffness at a joint, 41 

Kerr et al. [1] simplified the joint of a track model as a gap and connected rails and fishplates 42 

with Winkler-type springs, whose stiffness was calibrated by a static load measurement. 43 

Mandal et al. [2] idealised the dipped rail joint with a sinusoidal profile to analyse the impact 44 

forces considering both track design and operational parameters. Wu and Thompson [3] 45 

treated the joint of their model as a pin between two semi-infinite Timoshenko beams and 46 

calculated the wheel-IRJ interaction by a relative displacement excitation model proposed by 47 

Grassie et al. [5]. Kitagawa et al. [4] modified Wu and Thompson’s model by replacing the 48 

pin with a complex spring to represent the joint, whose vibratory behaviour level was 49 



3 
 

validated against a field test. However, these analytical models fail to address the issues of the 50 

complex wheel-IRJ impact contact solutions and high-frequency impact dynamics over 5 kHz. 51 

 52 

With the development of computer technology, the numerical finite element method (FEM) 53 

has increasingly been used to predict degradations of IRJs due to complex wheel-IRJ impact 54 

contact [6-12]. Owing to the capability of coping with non-linear material properties and 55 

arbitrary discontinuous contact geometries, finite element (FE) contact models can provide 56 

more accurate and detailed contact solutions. Nevertheless, many FE IRJ models tend to apply 57 

prescribed wheel loads as their excitations: either static [6-9] or pre-calculated by a simplified 58 

wheel-rail interaction model [10]; hence high-frequency dynamic effects caused by impact 59 

contact cannot be fully considered [11].  60 

 61 

To take account of complex impact contact and high-frequency wheel/rail dynamic effects, 62 

this study simulates a wheel-rail impact at a typical IRJ in the Dutch railway network by an 63 

explicit FEM, which has been proven to be effective for solving impact contact problems [12-64 

15] and high-frequency wheel/rail dynamics [16, 17]. Performing the integration in the time 65 

domain with an explicit central difference scheme, the explicit FEM manages to reproduce 66 

high-frequency dynamic effects by detailed modelling of the structure of wheel/track system 67 

and employing a small time step. Moreover, the calculations of high-frequency wheel/rail 68 

dynamic responses and contact forces can be automatically coupled, as the wheel/rail dynamic 69 

responses calculated in each time step rely on the contact forces obtained in the previous time 70 

step and in return affect the contact forces updated in the next time step.  71 

 72 

This paper first establishes a three-dimensional (3D) FE wheel-IRJ interaction model to 73 

simulate impact vibration and noise excited by the target IRJ, and then validates the model 74 
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against a comprehensive hammer test and a pass-by measurement. Compared to the explicit 75 

FE impact models proposed in the previous research [12-17], this model is more sophisticated 76 

in track dynamics and comprehensively validated. The condition of the target IRJ and wheel-77 

IRJ interaction model are described in Section 2. In Section 3, the track sub-model with an 78 

IRJ is calibrated and its dynamic behaviour is validated against a hammer test; the dynamic 79 

behaviour of the wheel sub-model is validated by a measurement reported in the literature 80 

[18]. Section 4 reports a pass-by measurement to validate the high-frequency (up to 10 kHz) 81 

impact vibration and noise predicted by the FE impact model. The main conclusions are 82 

drawn in Section 5. 83 

 84 

2 Finite element model 85 

2.1 Condition of the target IRJ 86 

A typical Dutch IRJ without visible damage was selected as the study target in the trunk line 87 

Amsterdam-Utrecht of the Dutch railway network. The IRJ locates on a straight track with a 88 

maximum one-directional train speed of 130 km/h. In the track, UIC54 rails with an 89 

inclination of 1/40 are supported by NS90 sleepers every 0.6 m except in the proximity of the 90 

IRJ, where a pair of adjacent timber sleepers with a distance of 0.24 m are employed to reduce 91 

the deflection of the joint and absorb vibration caused by wheel-IRJ impacts. Fig. 1 shows the 92 

in-situ condition of the target IRJ. 93 

 94 
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   95 

(a) General condition                        (b) Close-up of the end-post 96 

Figure 1: In-situ condition of the target IRJ 97 

 98 

2.2 Wheel-IRJ interaction model 99 

A 3D FE wheel-IRJ dynamic interaction model, as shown in Fig. 2 (a), was established in this 100 

study. The model includes a 10-m length of half-track with an IRJ in the middle and a half-101 

wheelset with the sprung mass of the car body and bogie. The wheel geometry corresponds to 102 

that of a passenger car wheel of the Dutch railway with the standard profile of S1002. The IRJ, 103 

composed of 2 fishplates, 4 pairs of bolts and a 6 mm gap, was modelled in detail with fine 104 

meshes (see close-up at upper left corner of Fig. 2 (b)). Since the value of elastic modulus of 105 

the end-post (insulation layer between two rail ends) is much lower than those of the rails and 106 

the presence of air gap (shown in Fig. 1 (b)) may result in free rail-end [19], the end-post 107 

layer was omitted in the model and simplified as a gap. Free boundaries were used on the rail 108 

ends at the joint, whereas non-reflecting boundaries were defined at the far ends of the rails. 109 

The wheel, rail and sleepers were modelled using 8-node solid elements. To achieve accurate 110 

solutions with a reasonable model size, non-uniform meshing was used and regular 111 

discretization was allocated at the wheel-rail contact area. The mesh size is 1 mm around the 112 

initial position of wheel-rail contact and within the 0.2-m length of solution zone (see close-113 

up at upper left corner of Fig. 2 (b)). The car body and bogie were modelled as mass elements 114 
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connected to the wheelset by the primary suspension of the vehicle with parallel linear springs 115 

and viscous dampers. The two neighbouring timber sleepers beneath the IRJ and the concrete 116 

sleepers modelled elsewhere were differentiated by their geometries and material properties. 117 

The baseplate fastening system used on the timber sleepers and the Vossloh fastening system 118 

on the concrete sleepers were modelled by crossed spring and damper elements (see close-up 119 

at lower right corner of Fig. 2 (b)), and adopted different linear stiffness and damping 120 

parameters (see table 1). The ballast was simplified as vertical spring and damper elements, 121 

with the displacements constrained in the lateral and longitudinal directions. Since the 122 

stiffness and damping parameters used to model the fastenings and ballast can hardly be 123 

measured directly in the field, these parameters were calibrated in this study by fitting the 124 

simulated frequency response functions (FRF) to the measurement results, which will be 125 

illustrated in detail in Section 3. Bi-linear elastoplastic material properties were applied to the 126 

wheel and rail models. The calibrated stiffness and damping parameters, as well as the 127 

nominal material properties applied in the model, are listed in table 1. 128 

 129 

 130 

      (a) Wheel-IRJ interaction model               (b) Track model with IRJ (IRJ sub-model) 131 

Figure 2: Finite element wheel-IRJ dynamic interaction model 132 

 133 

 134 

 135 
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Parameters 

Nominal 

values 

Parameters 

Calibrated 

values 

Rails and 

fishplates 

material 

Young’s modulus 210 GPa 

Baseplate 

fastening 

Vertical 

Stiffness 86.7 MN/m 

Poisson’s ratio 0.3 Damping 45000 Ns/m 

Density 7800 kg/m
3
 

Lateral 

Stiffness 150 MN/m 

Yield stress 500 MPa Damping 40000 Ns/m 

Tangent modulus 21 GPa 

Vossloh 

fastening 

Vertical 

Stiffness 195 MN/m 

Timber 

sleeper 

material 

Young’s modulus 20 GPa Damping 67500 Ns/m 

Poisson’s ratio 0.3 

Lateral 

Stiffness 100 MN/m 

Density 1300 kg/m
3
 Damping 40000 Ns/m 

Concrete 

sleeper 

material 

Young’s modulus 38.4 GPa 

Ballast Vertical 

Stiffness 45 MN/m 

Poisson’s ratio 0.2 Damping 32000 Ns/m 

Density 2520 kg/m
3
 bolt pretension 12.5 kN 

 136 

Table 1: The values of parameters used in the model 137 

 138 

3 Calibration and validation of sub-models  139 

In order to accurately predict wheel-IRJ impact interaction and the consequent vibration and 140 

noise, the dynamic behaviour of the track and wheel sub-models is validated in this section. 141 

The sub-model of the track with an IRJ, IRJ sub-model for short, was established 142 

corresponding to the target IRJ of Fig. 1. As shown in Fig. 2 (b), the IRJ sub-model excludes 143 

the wheel-sub model and car bodies presented in Fig. 2 (a). 144 

 145 

The dynamic behaviour of track structures is generally characterised by frequency response 146 

functions (FRFs) due to the infinite structural nature [18]. Typical resonant frequencies of a 147 

track can be deduced according to its FRFs [20]. Hammer test is a widespread method for the 148 
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identification of the FRFs of track structures [10, 21-23], but its application specifically to 149 

IRJs is limited. Recently, Oregui et al. [24] performed a systematic hammer measurement on 150 

IRJs to assess their health conditions, but their work only investigated dynamic behaviour of 151 

the IRJs in the vertical direction. 152 

 153 

This study conducted a more comprehensive hammer test to measure the FRFs, in terms of 154 

accelerances, of the target IRJ not only in the vertical direction but in the lateral direction as 155 

well, since both of them are responsible for the noise radiation from the track. In this paper, 156 

the measured direct accelerances (response and excitation are measured in the same direction 157 

and location [25]) are used to calibrate the stiffness and damping parameters involved in the 158 

FE IRJ sub-model by fitting their levels and resonant frequencies to the simulation results, as 159 

described in [10, 23, 26, 27]; the measured transfer accelerances (response and excitation are 160 

measured in the same direction but different locations [25]), cross-accelerances (response and 161 

excitation are measured in different directions [25])) and decay rate of the track are then used 162 

to validate the dynamic behaviour of the calibrated track sub-model.  163 

 164 

3.1 Set-up of the hammer test 165 

Fig. 3 shows the set-up of the hammer test employed to identify the accelerances of the target 166 

IRJ. The FRFs of tracks without IRJs are normally measured at two track sections: on-support 167 

and mid-span [10, 20-24], where different responses are expected. This study added a third 168 

section around the rail-end just after the IRJ along the train travel direction, where a 169 

significant dynamic impact can be expected during a train pass-by. Six accelerometers (B&K 170 

4514, denoted as 1-6 in Fig. 3) were placed at the three sections: three on the rail top and the 171 

other three on the field side of the rail head (see the close-up of Fig. 3), respectively, used to 172 

measure the vertical and lateral responses. Two accelerometers (IMI623C00, ensuring electric 173 
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insulation between two rails in the measurement, denoted as 7 and 8 in Fig. 3) were placed on 174 

the rail top before the joint, respectively at the sections of rail-end and on-support, to detect 175 

vibration transmission to the other side of the joint.  176 

 177 

 178 

Figure 3: Distribution of accelerometers and force excitation points 179 

(The yellow numbers 1-8 denote the accelerometers placed at the IRJ and the red arrows 1-6 180 

indicate the positions and directions of the hammer excitations) 181 

 182 

A hammer (PCB 086D05) with a hard metal tip (PCB 084B03) was used in the measurement 183 

to obtain high-frequency excitations. The hammer excitations were conducted as close as 184 

possible to the accelerometers 1-6, indicated by the red arrows 1-6 in Fig. 3. The excitation 185 

and response signals of 10 impacts were recorded at each hitting position. The spectra of the 186 

excitation loads at the six hitting positions, produced by averaging 10 impacts, are depicted in 187 

Fig. 4. The 3 dB drop (limit of very reliable range [23]) and 10 dB drop (limit of sufficiently 188 

reliable range [23]) occur at about 3.5 kHz and 5 kHz, respectively, indicating that the valid 189 

frequency range of the hammer-excited signals can reach up to 5 kHz. 190 

 191 
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 192 

Figure 4: Valid frequency range determined by the spectra of excitation forces 193 

(within 3 dB drop: very reliable range; within 10 dB drop: reliable range [23]) 194 

 195 

The reliability of hammer test can be assessed by the coherence of the response signals 196 

excited by hammer impacts. Since the dynamic behaviour of the target IRJ under wheel-rail 197 

impacts is of particular interest in this study and wheel-rail impacts occur more or less at the 198 

rail-end section after the joint, the coherence of the response signals under the vertical 199 

hammer excitations at the position 1 (see Fig. 3) is presented here. The coherence curves of 200 

the response signals of the eight measurement points (denoted as 1-8 in Fig. 3) excited by the 201 

10 hammer impacts at the position 1 are depicted in Fig. 5 (a) and (b). Excellent coherence 202 

over 0.9 in the whole frequency range of interest was obtained for the vertical responses 203 

(positions 1, 3, 5, 7, 8), whereas for the lateral responses (positions 2, 4, 6) lower coherence 204 

was observed at some frequency bands: around 360 Hz, 1160 Hz and over 3 kHz, probably 205 

due to that the cross-accelerance is more sensitive to the positions and directions of 206 

excitations and responses [22]. The good coherence of the lateral responses excited by the 207 

hammer in the lateral direction in Fig. 5 (c) indicates the testing signals in the lateral 208 

directions are also reliable. 209 



11 
 

 210 

 211 

  (a) vertical responses                      (b)  lateral responses                  (c) lateral responses  212 

  by the vertical excitation at 1        by the vertical excitation at 1        by lateral excitations 213 

 Figure 5: Coherence curves of the responses at the eight measurement points  214 

 215 

3.2 IRJ sub-model calibration 216 

As indicated by the coherence analysis, the direct accelerances and transfer accelerances were 217 

more reliably measured than the cross-accelerances. This study thus applied the measured 218 

direct accelerances as the reference to calibrate the stiffness and damping parameters involved 219 

in the FE IRJ sub-model. The accelerances of the IRJ sub-model were calculated by 220 

reproducing the hammer test with an explicit time integration method, as illustrated in [27]. 221 

The simulated excitations were applied in both the vertical and lateral directions at the three 222 

sections of the IRJ sub-model, respectively, as the measurement. 223 

 224 

The closest fits of the simulated and measured vertical and lateral direct accelerances are 225 

depicted in Fig. 6 and 7, respectively. The measurement results shown here are the averages 226 

of the 10 times hammer-excited signals. Fig. 6 shows that the tendencies and resonant 227 

frequencies of the simulated vertical accelerances match the measurement. The measured 228 

typical track (anti-) resonances of the f2 (rail mass on the fastening stiffness [22]), fa (sleepers 229 

vibrate on the ballast and pad stiffness [22]), 1
st
 and 2

nd
 order vertical pinned-pinned of the 230 
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target IRJ are 280 Hz, 440 Hz, 1050 Hz and 2750 Hz, respectively, whereas those from the 231 

simulation are 260 Hz, 460 Hz, 1100 Hz and 2550 Hz, respectively. The vertical accelerance 232 

of the rail-end section is similar to that of the on-support section between 200 and 600 Hz, in 233 

which frequency range a rail behaves like a mass and its dynamic behaviour is mainly 234 

dominated by supports [18]. Over 4 kHz, the response of the rail-end section is evidently 235 

higher than the other two sections, presenting a high-intensity dynamic feature. That is 236 

probably related to the reduction of the vertical structural stiffness at the joint, which is 237 

similar to the free end of a cantilever beam [4]. 238 

 239 

 240 

  (a) Rail-end (position 1)     (b) On-support (position 3)    (c) Mid-span (position 5)  241 

Figure 6: Fitting vertical accelerances (red line: simulation; blue line: test) 242 

 243 

The general levels of the lateral direct accelerances shown in Fig. 7 are higher than the 244 

vertical ones shown in Fig 6. The tendencies and levels of the measured and simulated lateral 245 

direct accelerances are well fitted in Fig. 7. The lateral pinned-pinned resonance, less 246 

pronounced than the vertical one, occurs at about 550 Hz in the measurement and 600 Hz in 247 

the simulation. More oscillations can be observed in the simulation results between 600-1300 248 

Hz, which could be influenced by the modelling of the fastening systems. Although an 249 

improved fastening model represented by crossed linear spring and damper elements managed 250 

to take into account the lateral dynamics, it failed to fully reproduce the modes of real 251 

fastenings comprised of rail pads and clamps [26]. The deviation at the low frequency below 252 
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200 Hz is probably related to the simplification of the ballast model, whose displacements 253 

were constrained in the lateral and longitudinal directions. 254 

 255 

 256 

  (a) Rail-end (position 2)     (b) On-support (position 4)    (c) Mid-span (position 6)  257 

Figure 7: Fitting lateral accelerances (red line: simulation; blue line: test) 258 

 259 

It can be concluded from the analysis of the direct accelerances that the dynamic behaviour of 260 

the rail-end section has a high-intensity feature due to the reduction of bending stiffness. The 261 

stiffness and damping parameters calibrated by the direct accelerances are then adopted in the 262 

simulations of the transfer accelerances and cross-accelerances, track decay rate and wheel-263 

rail impact at the target IRJ. 264 

 265 

3.3 Validation of transfer and cross-accelerances 266 

The vibration responses of the IRJ under the vertical hammer excitation at the rail-end section 267 

(position 1 in Fig. 3) are studied for the IRJ sub-model validation. The transfer and cross-268 

accelerances, including phases, simulated by the calibrated IRJ sub-model are compared with 269 

the measurement in Fig. 8. Good agreements for the transfer accelerances and reasonable 270 

agreements for the cross-accelerances are achieved. It is believed that the deviations of the 271 

cross-accelerances at 120 Hz and 500-1300 Hz are respectively caused by the simplification 272 

of the ballast model and the linear spring/damper representations of the rail pads models, as 273 

analysed in the lateral direct accelerances. 274 
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 275 

 276 

  (a) Rail-end (position 1)     (b) On-support (position 3)    (c) Mid-span (position 5)  277 

 278 

 279 

  (d) Rail-end (position 2)     (e) On-support (position 4)    (f) Mid-span (position 6)  280 

 281 

 282 

(g) Rail-end (position 7)         (h) On-support (position 8)   283 

Figure 8: Validations of transfer and cross-accelerances (red line: simulation; blue line: test. 284 

transfer accelerances: (a)-(c) and (g)-(h); cross-accelerances: (d)-(f)) 285 

 286 

3.4 Validation of decay rate 287 
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The validation of track decay rate is also important for the accurate prediction of pass-by 288 

vibration and noise [28]. Owing to the reciprocity, the decay rate of a track with periodical 289 

structural characteristics is normally measured by a roving hammer method for operational 290 

convenience [29]. The comparison of the transfer accelerances measured at the on-support 291 

(position 3) and mid-span (position 5) sections shown in Fig. 9 (a) indicates the reciprocity 292 

can be basically obeyed there, whereas Fig. 9 (b) and (c) show that the reciprocity can hardly 293 

be satisfied at the rail-end section in the high-frequency range over 3 kHz. Therefore, this 294 

study employed a roving sensor approach to measuring the decay rate of the target IRJ. The 295 

hammer excitations were exerted at the rail-end section after the joint (position 1 in Fig. 3), 296 

where wheel-IRJ impacts are expected to occur; Nine accelerometers (B&K 4514, denoted as 297 

1-9 in Fig. 10) were employed in the measurement and a 5-meter section of the track (8 298 

sleeper spans) just after the IRJ could be covered by roving the sensors once. Referring to the 299 

hammer excitation positions suggested in the roving hammer test of decay rate [29], the 300 

sensor distribution schemes adopted in this study are shown in Fig. 10 (a), and the 301 

corresponding in-situ conditions are shown in Fig. 10 (b) and (c). 302 

 303 

 304 

     (a) Position 3 & 5                      (b) position 1 & 3                 (c) position 1 & 5 305 

Figure 9: Comparisons of measured transfer accelerances 306 

 307 

 308 
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 309 

(a) Sketch of sensor distributions before (upper graph) and after (lower graph) roving 310 

        311 

           (b) Sensor distribution before roving   (c) Sensor distribution after roving 312 

Figure 10: Sensor distribution schemes in the decay rate test 313 

 314 

The hammer test of the decay rate was also reproduced by the proposed FE IRJ sub-model 315 

with an explicit time integration method. Fig. 11 compares the time histories of the simulated 316 

vibration of the 18 response positions (9 sensors × 2 rounds) with those obtained by the 317 

measurements. The measurement results shown here are also the averages of the 10 times 318 

excitations, as the accelerances analysed above. Good agreements can be observed in the vast 319 

majority of the comparisons. The simulated and measured vertical decay rates of the target 320 

IRJ are calculated based on these vibration responses [30] and compared in Fig. 12. Good 321 

agreements in terms of the peak, trough and average level in the comparison of the decay rate 322 

again validate the dynamic behaviour of the presented FE IRJ sub-model. The decay rate 323 

peaks at about 3 kHz and troughs at about 900 Hz and 4 kHz. 324 
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 325 

 326 

Figure 11: Comparison of acceleration responses (red line: simulation; blue line: test) 327 

 328 

 329 

Figure 12: Validation of decay rate (red line: simulation; blue line: test) 330 

 331 

3.5 Validation of the wheel sub-model 332 

Although the dynamic behaviour of wheels may also be characterised with FRFs [31], this 333 

study characterised the dynamic behaviour of the FE wheel sub-mode with the modes and the 334 

corresponding natural frequencies and validated them against a measurement reported in [18], 335 

because the material damping of a wheel is generally very low and the exact value of the 336 
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wheel modal damping is not critical for rolling noise prediction [18]. The frequency range of 337 

interest is 10 kHz in this study. All modes of the wheel sub-model within the frequency range 338 

of interest were identified by a modal analysis. For this, the same half-wheelset model as the 339 

explicit FE model shown in Fig. 2 (a) was used with the inner edge of its hub clamped. The 340 

calculated wheel modes under such a boundary condition can adequately represent the wheel 341 

dynamics under contact with the rail [32]. The identified natural frequencies of the axial and 342 

radial wheel modes are plotted in Fig. 13. Good agreement is observed when comparing the 343 

calculated results with the experimental wheel natural frequencies from [18], in which an NS-344 

intercity wheel is measured for up to 5 kHz. All of these physical modes can be naturally 345 

included in the transient dynamic simulation when using the full FE model and a small time 346 

step [33]. 347 

 348 

  349 

(a) Zero-nodal circles             (b) Radial 350 

 351 

(c) One-nodal circles        (d) Two-nodal circles                         352 

Figure 13 Wheel modes calculated by a finite element modal analysis (blue) compared with 353 

the measured results (red, from [18]) 354 
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 355 

4 Impact vibration and noise during pass-by 356 

The validations of the IRJ and wheel sub-models enable the FE dynamic interaction model for 357 

a transient impact simulation. The simulated impact vibration and noise are compared to the 358 

measurement results from a pass-by measurement in this section. 359 

 360 

4.1 Set-up of the pass-by measurement  361 

A pass-by measurement with a travelling speed of about 100 km/h was performed on the 362 

target IRJ on 19
th

 February 2015. The vertical and lateral impact vibration, collected on the 363 

rail foot just after the joint (see Fig. 14 (a)), were measured by accelerometers PCB 352A60 364 

(measurement range: ± 4950 m/s
2
; frequency range (± 3 dB): 5 Hz-60 kHz) and B&K 4514 365 

(measurement range: ± 980 m/s
2
; frequency range (± 6 dB): 5 Hz-10 kHz), respectively. Two 366 

microphones B&K 4958 (measurement range: 28 -140 dB; frequency range (±1 dB): 28 Hz-367 

20 kHz) were placed 1.5 m after the joint in the train running direction, and respectively 2.5 368 

cm (Fig. 14 (b)) and 7.5 m (Fig. 14 (c)) away from the rail to record the near-field and far-369 

field impact noise.  370 

 371 

    372 

(a) Accelerometers used to measure impact vibration 373 
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     374 

(b) Near-field microphone        (c) Far-field microphone 375 

Figure 14: Set-up of sensors in the pass-by measurement 376 

 377 

4.2 Impact vibration 378 

The pass-by measurement conducted at the target IRJ was reproduced by the 3D FE wheel-379 

IRJ dynamic interaction model shown in Fig. 2(a) with an explicit time integration. A tiny 380 

time step (49 ns) was employed to meet Courant stability condition [34]. This, together with 381 

the fine meshing scheme applied in the model, guaranteed that high-frequency dynamic 382 

effects up to 10 kHz or higher can be reproduced. The transient dynamic simulation first 383 

employed a dynamic relaxation to make the wheel-track system reach an equilibrium state 384 

under gravity. The initial position of the wheel model is 1.32 m away from the joint, as shown 385 

in Fig. 2. A forward translation velocity and a corresponding rotational velocity were defined 386 

as initial conditions applied to all the nodes of the wheel model. The forward translation 387 

velocity, which is also the rolling velocity of the wheel, initially equalled to the wheel 388 

circumferential velocity, i.e. the product of the rotational velocity and the wheel radius. A 389 

driving torque was subsequently applied to the wheel axle as a load boundary condition, due 390 

to which the wheel rotational velocity increased so that the wheel circumferential velocity 391 

exceeded the rolling velocity. Consequently, creepage and traction force were generated 392 

between the wheel and rail when the wheel rolled along the rail from the initial position 393 

towards the joint. As the measurement, the simulated pass-by speed was 100 km/h and the 394 

impact vibration responses were calculated at the rail foot just after the joint in the model. The 395 

measured geometry of the target IRJ (Fig. 1 (b)) by a HandySCAN 3D laser scanner was 396 



21 
 

applied to the FE model. Fig. 15 (a) and (b) show the rail top surface in the proximity to the 397 

joint model before and after applying the measured geometry, respectively. The measured 398 

geometric irregularities at 100-150 mm in the longitudinal direction, closer to the joint, is 399 

significantly larger than those elsewhere in Fig. 15 (b). We applied the measured geometry 400 

only to the vicinity of the joint rather than to the whole modelled rail surface, because the 401 

impact vibration and noise studied in this paper occurs transiently just when the wheel rolls 402 

over and hits the joint. 403 

 404 

(a) Nominal geometry at an IRJ         (b) Measured geometry at the target IRJ 405 

Figure 15: Applying the realistic geometry to the IRJ (size of irregularity exaggerated) 406 

The wheel/rail dynamic responses were obtained by averaging the motions of the elements 407 

attached to the wheel/rail volumes, while the contact forces were calculated by adding up the 408 

nodal forces within the wheel-rail contact patch. The wheel/rail dynamic responses calculated 409 

in each time step relied on the contact forces obtained in the previous time step, and in return 410 

affected the contact forces updated in the next time step; therefore, the full coupled solutions 411 

of wheel-rail dynamics and contact were obtained with a single simulation. The effects of 412 

transient wheel rotation were also included inherently. 413 

 414 

Wavelet power spectrum (WPS) is considered appropriate for the investigation of non-415 

stationary signals with local changes in the frequency components [17]. The WPSs of the 416 

simulated and measured impact vibration up to 10 kHz are compared on the same scale in Fig. 417 
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16. The results of the four pass-bys shown in Fig. 16 were successively measured when the 418 

four wheelsets of a coach passed the target IRJ. It can be seen that the simulated impact 419 

vibration agrees well with the pass-by measurement results in both the time domain and 420 

frequency domain. The good agreement of the impact vibration is based on the results of the 421 

sub-models validation and also demonstrates the accuracy of them. Both the measurement and 422 

simulation indicate that energy of the vertical impact vibration (upper row in Fig. 16) mainly 423 

concentrate on around 300 Hz and 1 kHz, corresponding to the f2 and 1
st
 order pinned-pinned 424 

resonance, respectively. Typical impact vibration feature is shown by the WPSs of the vertical 425 

rail vibration: a prominent high-frequency energy concentration with a broadband from 4 kHz 426 

to 10 kHz or higher occurs transiently just at the wheel-IRJ impact. The WPSs of the lateral 427 

impact vibration (lower row in Fig. 16) imply that the dominant frequencies of the simulated 428 

lateral impact vibration range from 600-1200 Hz, slightly higher than the measurement results 429 

of 550-1000 Hz. These dominant frequency ranges may be associated with the lateral pinned-430 

pinned resonance, as the simulated and measured lateral pinned-pinned resonances occur at 431 

approximate 600 Hz and 550 Hz, respectively, in line with the lower boundaries of the 432 

dominant frequency ranges of the lateral impact vibration. High-frequency components in the 433 

lateral impact vibration are much less pronounced than the vertical ones and vary to some 434 

extent in frequency range. This variation can be attributed to the randomness of the traffic, 435 

such as differences in wheel (worn) profile, suspension condition, hunting motion etc.  436 

 437 
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  438 

       (a) Simulation       (b) 1
st
 pass-by    (c) 2

nd
 pass-by      (d) 3

rd
 pass-by       (e) 4

th
 pass-by 439 

Figure 16: WPSs of the simulated and measured pass-by impact vibration 440 

(upper row: vertical impact vibration; lower row: lateral impact vibration.  441 

The unit of the colour bar is m/s
2
) 442 

 443 

4.3 Impact noise 444 

The near-field and far-field impact noise were calculated by an efficient frequency-domain 445 

Rayleigh method [35] on the basis of the vibration velocities of the surface nodes of the wheel 446 

and rail pre-calculated in the explicit time integration. The collection positions of the near-447 

field and far-field noise in the simulation corresponded to those in the measurement. A 100 448 

Hz high-pass filter was applied to the noise signals to eliminate the influence of wind noise 449 

introduced by train pass-bys. The one-third octaves of the simulated and measured impact 450 

noise compared in Fig. 17 indicate that the predictions of the near-field and far-field impact 451 

noise are in good and reasonable agreements with the measurements in the frequency range of 452 

interest, respectively with deviations of less than 5 dB and 15 dB. The underestimation of 453 

both the near-field and far-field impact noise at around 500-600 Hz can be related to the 454 

deviations between the simulated and measured lateral track dynamics and impact vibration. 455 
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The omission of noise radiated by sleepers in the simulation may to some extent have 456 

contributed to the underestimation of the far-field noise at 400-500 Hz. The underestimation 457 

of the near-field noise around 800 Hz and 4 kHz may correspond to the two troughs of the 458 

decay rates at these frequencies in Fig. 12, which probably stem from the use of the track 459 

model with a length of 10 m: the noise contribution by the rail beyond the 10-m model cannot 460 

be included, resulting in the underestimation of the simulated noise especially when the decay 461 

rates are low. The overestimation of the far-field noise in the high-frequency range over 4 462 

kHz might be caused by the limitation of the Rayleigh method, which assumes a radiating 463 

structure as a plane surface and is considered more accurate for near-field acoustic predictions 464 

[35]. A 30 dB noise reduction is observed from the near-field collection point just beside the 465 

rail web to the far-field one 7.5 meters away. 466 

 467 

 468 

Figure 17: Comparisons of one-third octaves of impact noise 469 

 470 

By comparing the impact vibration (Fig. 16) and noise (Fig. 17) to the dynamic behaviour 471 

(Fig. 6-7) of the target IRJ, we may deduce that high-frequency contents play more important 472 
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roles in the impact vibration than impact noise. In addition, the f2 resonance seems to 473 

contribute to the dominant frequency of the vertical impact vibration at about 300 Hz and the 474 

peak of the impact noise at 250 Hz, whereas the 1
st
 order pinned-pinned resonance may 475 

determine the dominant frequency of the impact vibration at about 1 kHz and the 800 Hz peak 476 

of the impact noise. Furthermore, although the energy of the vertical impact vibration at the 477 

dominant frequency of 1 kHz is less pronounced and less long-lasting than that at 300 Hz, the 478 

800 Hz peaks of the impact noise are higher than the 250 Hz ones (except the near-field 479 

simulation case). That is probably due to the contribution of the lateral impact vibration with a 480 

dominant frequency of 600-1000 Hz to the noise generation, as well as the low decay rate of 481 

the IRJ at about 900 Hz (troughs in Fig. 12).  482 

 483 

5 Conclusion and future work 484 

This paper presented a 3D transient explicit FE wheel-IRJ interaction model and validated the 485 

model by a comprehensive hammer test and pass-by measurement. The model is able to take 486 

into account complex wheel-rail dynamic interaction with non-linear material properties and 487 

arbitrary contact geometries; it should thus be able to calculate wheel-IRJ impact forces, 488 

vibration and noise directly and more accurately from the wheel-rail contact point of view, 489 

especially in the high-frequency range. The model also provides a possibility to analyse 490 

wheel/rail vibration in the vertical and lateral directions simultaneously. 491 

 492 

By applying the in-situ measured geometries of the railhead to the IRJ model, the simulated 493 

impact vibration in both the time domain and the frequency domain agreed well with the pass-494 

by measurement results, and the simulated impact noise was in reasonable agreement with the 495 

measurements, indicating that the explicit FEM is capable of reproducing impact vibration 496 

and noise excited by an IRJ up to 10 kHz. 497 



26 
 

 498 

The hammer test reveals that typical track resonances of the f2 and fa as well as the 1
st
 and 2

nd
 499 

order vertical pinned-pinned of the target IRJ are around 280 Hz, 450 Hz, 1 kHz and 2.8 kHz, 500 

respectively; the rail-end section in the vicinity of the joint presents a high-intensity dynamic 501 

feature and reciprocity cannot be satisfied there in the high-frequency range over 3kHz; the 502 

decay rate of the target IRJ peaks at about 3 kHz and troughs at about 900 Hz and 4 kHz.  503 

 504 

The dynamic behaviour of the target IRJ was not only used to validate the model but also 505 

connected with the dominant frequencies of the wheel-IRJ impact vibration and noise: the f2 506 

resonance and the 1
st
 order pinned-pinned resonance contribute significantly to the dominant 507 

frequencies of the impact vibration and noise; the vertical and lateral impact vibration with 508 

respective dominant frequencies of 1 kHz and 600-1000 Hz as well as the low decay rate of 509 

the target IRJ at about 900 Hz result in that the 1/3 octave spectrum of the impact noise peaks 510 

at around 800 Hz. These results indicate that the impact vibration and noise may be mitigated 511 

by controlling or re-designing the dynamic behaviour of IRJs: e.g. by damping the f2 and 1
st
 512 

pinned-pinned resonances or by a new design of the IRJ or support structures. The influence 513 

of dynamic behaviour of IRJs on impact vibration and noise deserves further investigations, 514 

and may contribute to the mitigation of impact vibration and noise generated by IRJs, as well 515 

as to train-borne detection of deterioration types of IRJs.  516 

 517 

The main restriction of the presented model is the representation of the fastenings and ballast 518 

by the linear spring and viscous damper elements. When calibrating the stiffness and damping 519 

parameters, efforts were mainly taken to achieve the closest fit of the vertical accelerances 520 

because the vertical dynamics play more significant roles in the wheel-IRJ impact. The 521 

deviations of the lateral dynamics consequently affect the accuracies of the predictions of the 522 
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lateral impact vibration and noise to some extent. The oscillations of the simulated lateral 523 

accelerances between 600-1300 Hz deserves a careful investigation in the future. A full FE 524 

representation of rail-pads with proper material parameters proposed in [26] could be an 525 

option to be employed to improve the accuracy of the lateral dynamics simulation. In addition, 526 

the effects of the track model length need to be further examined and the noise radiated by 527 

sleepers should be included in the future to improve the accuracies of the acoustic predictions. 528 

More train pass-bys may be measured to validate the model in a statistical way. 529 
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 Highlights: 610 
 611 
 High-frequency impact vibration and noise up to 10 kHz are successfully reproduced. 612 
 The model is validated by a comprehensive hammer test and a pass-by measurement. 613 
 The f2 and pinned-pined resonances strongly influence impact vibration and noise. 614 
 Impact vibration and track decay rate determine the main frequency of impact noise. 615 
 This paper may contribute to the mitigation of impact vibration and noise at IRJs. 616 
 617 


